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Vibration reduction and sound reduction are not necessarily compatible. The sum of the structural kinetic energy

and acoustic power in free space (acoustic potential energy in an enclosed space) is an error criterion to control both
vibration and sound. The orthogonal contributors with respect to the sum, “vibroacoustic modes” and the frequency
dependent spatial filters, which can estimate the amplitudes of the vibroacoustic modes, ‘“vibroacoustic modal
filters,” are formulated. Vibroacoustic modal filters allow a controller to coordinate both vibration and sound
reduction and achieve order reduction. However, the implementation is not very easy because of the frequency
dependence. The frequency independent vibroacoustic modal filters are formulated by omitting the frequency
dependence. The omission of the frequency dependence mathematically proves to be valid for baffled structures in
free space. Moreover, the developed theories are applied to baffled rectangular plates in free space, and the
simulation results, for example, the contributions of the vibroacoustic modes to the sum of the structural kinetic
energy and acoustic power, the shapes of the vibroacoustic modes, and the performance of the feedforward control

using the frequency independent vibroacoustic modal filters, are presented.

Nomenclature

speed of sound in the air

unity matrix in elemental radiator form

unity matrix in structural mode form
time-averaged acoustic power (acoustic
potential energy) after control

time-averaged acoustic power (acoustic
potential energy) before control
time-averaged structural kinetic energy after
control

time-averaged structural kinetic energy before
control

error criterion

acoustic wave number

number of the elemental radiators

number of the structural modes

diagonal matrix whose terms are the square
roots of the halves of the masses of the
elemental radiators

matrix whose columns are the shapes of the
vibroacoustic modes, that is, the modal filters,
in elemental radiator form

matrix whose columns are the shapes of the
vibroacoustic modes, that is, the modal filters,
in structural mode form

matrix whose terms are the acoustic transfer
functions between the elemental radiators
matrix whose terms are the products of the
acoustic transfer functions between the
elemental radiators and the square roots of the
halves of the masses of the elemental radiators
matrix whose terms are the acoustic transfer
functions between the structural modes
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representative location of the /th elemental
radiator

vector whose terms are the normal velocities
of the elemental radiators

vector whose terms are the products of the
normal velocities and the square roots of the
halves of the masses of the elemental radiators
vector whose terms are the normal velocities
of the structural modes

vector whose terms are the amplitudes of the
vibroacoustic modes in elemental radiator
form

vector whose terms are the amplitudes of the
vibroacoustic modes, which are estimated by
the frequency independent modal filters, in
elemental radiator form

vector whose terms are the amplitudes of the
vibroacoustic modes in structural mode form
vector whose terms are the amplitudes of the
vibroacoustic modes, which are estimated by
the frequency independent modal filters, in
structural mode form

vector whose terms are the amplitudes of the
vibroacoustic modes, which are estimated by
the vibroacoustic modal filters and PVDF
smart sensors as the structural modal filters, in
structural mode form

vector whose terms are the amplitudes of the
vibroacoustic modes, which are estimated by
PVDF smart sensors as the frequency
independent vibroacoustic modal filters, in
structural mode form

weighting factor

weighting factor in elemental radiator form
weighting factor in structural mode form
area of the elemental radiator

diagonal matrix whose terms are the
contributions of the vibroacoustic modes to
the error criterion, that is, the weighting filters,
in elemental radiator form

diagonal matrix whose terms are the
contributions of the vibroacoustic modes to
the error criterion, that is, the weighting filters,
in structural mode form
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Lo = density of air

v = matrix whose terms are dependent on the

shapes of the structural modes and the

locations of the elemental radiators

diagonal matrix whose terms are the

contributions of the vibroacoustic modes to

the acoustic power (acoustic potential energy)

in elemental radiator form

Q,(w) = diagonal matrix whose terms are the
contributions of the vibroacoustic modes to
the acoustic power (acoustic potential energy)
in structural mode form

10} = angular frequency

Q. ()

1. Introduction

IBROACOQUSTIC control is an important issue in aerospace

vehicles [1-11]. Vibrations damage the aircraft fuselage and
rocket fairing, and sound jeopardizes aircraft cabin comfort and
rocket payload safety. However, vibration and sound reduction are
not necessarily compatible [12—18]. Vibration reduction can cause
an increase in sound, and sound reduction can cause an increase in
vibration. For example, active structural acoustic control, which
consists of structural actuators and acoustic sensors, could increase
the vibration of the aircraft fuselage while reducing the sound in the
cabin [8]. The increased vibration could produce cracks in the
fuselage, then enlarge the cracks, and, finally, bring the aircraft to
failure. For controlling both vibration and sound, the error criterion
should be the sum of the structural kinetic energy and acoustic power
in free space (acoustic potential energy in an enclosed space).

It is meaningful to formulate the orthogonal contributors with
respect to the error criterion of interest. In the case in which the error
criterion is the structural kinetic energy, any knowledge about the
structural modes, which are the orthogonal contributors with respect
to the structural kinetic energy, is useful for controller design [19-25].
Similarly, in the case in which the error criterion is the acoustic power
(acoustic potential energy), any knowledge about the radiation
modes, which are the orthogonal contributors with respect to the
acoustic power (acoustic potential energy), is useful when designing
controllers [26-38]. However, in the case in which the error criterion
is the sum of the structural kinetic energy and acoustic power
(acoustic potential energy), the orthogonal contributors are unclear.

The primary objective of this paper is to formulate the orthogonal
contributors with respect to the sum of the structural kinetic energy
and acoustic power (acoustic potential energy), termed ‘“‘vibroa-
coustic modes,” in two forms: elemental radiator and structural
mode. In the elemental radiator form, the surface of the vibrating
structure is assumed to consist of a number of elemental radiators,
and the vibroacoustic modes are formulated in terms of the elemental
radiators. In the structural mode form, the behavior of the vibrating
structure is assumed to consist of a number of structural modes, and
the vibroacoustic modes are formulated in terms of the structural
modes.

The second objective of this paper is to formulate spatial filters to
estimate the amplitudes of the vibroacoustic modes, termed
“vibroacoustic modal filters,” in both elemental radiator and
structural mode forms. In the elemental radiator form, the
vibroacoustic modal filters are derived from the masses of the
elemental radiators and the acoustic transfer functions between these
radiators. Subsequently, the amplitudes of the vibroacoustic modes
are estimated by passing the measured normal velocities of the
elemental radiators to the vibroacoustic modal filters. In the structural
mode form, the vibroacoustic modal filters are derived from the
shapes of the structural modes and the acoustic transfer functions
between the structural modes. The amplitudes of the vibroacoustic
modes are then estimated by passing the measured normal velocities
of the structural modes to the vibroacoustic modal filters. In both
forms, the vibroacoustic modal filters are frequency dependent, as is
clear from the fact that these filters are related to the acoustic transfer
functions. Therefore, the vibroacoustic modal filters consist of higher
order digital filters, and their implementations are not very easy.

The third objective of this paper is to formulate frequency
independent vibroacoustic modal filters in elemental radiator and
structural mode forms, omitting the frequency dependence. As
mentioned previously, the frequency dependence of the
vibroacoustic modal filters is related to the acoustic transfer
function. Hence, the omission of the frequency dependence should
be validated for the respective acoustic fields, for example, baffled
structures in free space, three-dimensional structures in free space,
and three-dimensional structures in an enclosed space. Baffled
structures in free space are addressed in this paper to simplify the
acoustic transfer functions from an academic point of view.
However, three-dimensional structures in an enclosed space are
faithful to real aerospace vehicles, that is, the insides of the aircraft
fuselage and rocket fairing, and thus these structures should be
addressed in future works from a practical point of view. The work
presented here is the first step in demonstrating the feasibility of
frequency independent vibroacoustic modal filters.

In Sec. I, the vibroacoustic modes and vibroacoustic modal filters
are formulated. In Sec. I, the frequency independent vibroacoustic
modal filters are formulated for baffled structures in free space. In
Sec. IV, the developed theories are applied to baffled rectangular
plates in free space, and the simulation results, for example, the
contributions of the vibroacoustic modes to the sum of the structural
kinetic energy and acoustic power, the shapes of the vibroacoustic
modes, and the performance of the optimal feedforward control using
the frequency independent vibroacoustic modal filters, are presented
and discussed. In Sec. V, the significance of this paper is
summarized.

The mathematical process for deriving the vibroacoustic modes
and vibroacoustic modal filters is based on diagonalization, and the
approach is expanded from one used for deriving the radiation modes
and radiation modal filters. The referential literatures [26-38] are
relevant.

II. Vibroacoustic Modes and Vibroacoustic
Modal Filters

First, the error criterion for controlling both vibration and sound
Jyibroacoustic (@) 18 defined as follows:

Jvibroacoustic (w) = Ol(a))‘]vibro (w) + Jacouslic ((U) (1 )

where J, . (w) is the time-averaged structural Kinetic energy after
control; J,.qusic (@) is the time-averaged acoustic power in free space
(acoustic potential energy in an enclosed space) after control; «(w) is
the positive real weighting factor between the structural kinetic
energy and acoustic power (acoustic potential energy), which is a
dimensional quantity with a unit of inverse second in free space
(nondimensional quantity in an enclosed space); and w is the angular
frequency. The different order of magnitudes of the structural kinetic
energy and acoustic power (acoustic potential energy) is a serious
problem. For instance, if the magnitude of the structural kinetic
energy is much larger than that of the acoustic power (acoustic
potential energy), the sum is nearly equal to the structural kinetic
energy and therefore is not effective as the error criterion for
controlling sound as well as vibration. The weighting factor plays a
role in balancing the different orders of magnitude. The weighting
factor, which can be set a priori, will be presented hereinafter. This
weighting factor is dependent only on the inherent properties of the
system of interest and is independent of the properties of the
disturbance, for example, the distribution and frequency character-
istics, and it may be advantageous in aerospace vehicles surrounded
by a changing environment.

It should be noted that there exists a possible alternative definition
of the error criterion:

Jvibro (w) Jacoustic (w)
J vibr i (w) =7 + 7 - (2)
procoustc vibro (w) Jacoustic (a))

where J.;, .. (@) is the time-averaged structural kinetic energy before
control, and J/ (w) is the time-averaged acoustic power (acoustic

acoustic

potential energy) before control. The first term in Eq. (2) is the
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reduction ratio of the structural kinetic energy before and after
control, and the second term is the reduction ratio of the acoustic
power (acoustic potential energy) before and after control. This
formulation provides a palpable yardstick of what percent reduction
of vibration and sound is actually gained, and it is an advantage of
having the properties of the disturbance in view. On the other hand,
Eq. (1) hides the yardstick, and it is a disadvantage of leaving the
properties of the disturbance out of view. The different orders of
magnitude of the structural kinetic energy and acoustic power
(acoustic potential energy) are balanced by summing not the
magnitudes but the reduction ratios. Because the reduction ratios
vary with the properties of the disturbance, this weighting cannot be
set a priori. In other words, this weighting must be reset when the
properties of the disturbance are changed, and it may be
disadvantageous in aerospace vehicles surrounded by a changing
environment.

Although Egs. (1) and (2), respectively, have the advantage and
disadvantage, Eq. (1) is employed in this paper from the standpoint of
attaching importance to the a priori feature.

The vibroacoustic modes and vibroacoustic modal filters are
formulated as follows: Sec. IL.A, elemental radiator form; and
Sec. ILB, structural mode form.

A. Elemental Radiator Form

It is assumed that the surface of the vibrating structure is divided
into L elemental radiators, and the acoustic reciprocity holds.
Equation (1) is then expanded as [29]

Jvibroacouslic ((1)) = VH (a)){ae (G))MM + R (C()) }V(U)) (3)

where v(w) is the (L - 1) and complex vector, whose terms are the
normal velocities at the representative locations of the elemental
radiators; M is the (L - L), real, diagonal, and positive definite
matrix, whose terms are the square roots of halves of the masses of
the elemental radiators; R(w) is the (L - L), real, symmetric, and
positive definite matrix, whose terms are the acoustic transfer
functions between the representative locations of the elemental
radiators; o, (w) is the positive real weighting factor; and superscript
H is the conjugate transpose. Equation (3) is rewritten as

Jvibmz\coustic (w) = Vg-l (a)) {ae (w)Ee + Re(w)}ve (a)) (4)
where v, (o) is the (L - 1) and complex vector defined as
V() = Mv(w) ®)

E, is the (L-L) unit matrix, and R,(w) is the (L-L), real,
symmetric, and positive definite matrix defined as

R (o) =M 'R(@)M"! (©6)

Because {o,(w)E, + R,(w)} in Eq. (4) is real, symmetric, and
positive definite, it can be diagonalized as
Q! (W, ()E, + R, (0)}Q, ()

=, (0E, + Q[ (®)R, (0)Q.(v)

= (0)E, + 2,(0) =A,(v) (7
where @,(w) is the (L - L), real, diagonal, and positive definite
matrix, whose terms are the eigenvalues of R,(w); A, (w) is the
(L - L), real, diagonal, and positive definite matrix, whose terms are
the eigenvalues of {«,(w)E, + R, (®)}; Q, () is the (L - L), real,
and orthogonal matrix, whose columns are the eigenvectors of R, (w)

as well as {o,(w)E, + R, (w)}; and superscript T is the transpose.
Substituting Eq. (7) into Eq. (4) yields

Jvibmacoustic (w) = WZJ (w)Ae(w)we ((1)) (8)
where w,(w) is an (L - 1) and complex vector defined as

w.(0) = Q(®)v.() ®

Equations (8) and (9) indicate the orthogonal contributors with
respect to the error criterion, that is, the vibroacoustic modes: the
terms of A ,(w) are the contributions of the vibroacoustic modes to
the error criterion; the columns of Q,(w) are the shapes of the
vibroacoustic modes; and the terms of w,(w) are the amplitudes of
the vibroacoustic modes. The indexes of the vibroacoustic modes are
defined in descending order in relation to the contributions. The error
criterion can then be approximated by the sum of the lower order
vibroacoustic modes, and this approximation, that is, order
reduction, is desirable in practice.

Equations (8) and (9) also indicate the procedure used to obtain the
error criterion, as illustrated in Fig. 1a. First, the terms of v, (), that
is, the gained normal velocities of the elemental radiators, are
measured by a number of discrete sensors. Then, the terms of w, (w),
that is, the amplitudes of the vibroacoustic modes, are estimated by
passing the measured velocities to the columns of Q, (w), that is, the
vibroacoustic modal filters. Finally, the error criterion is calculated
by passing the estimated amplitudes to the terms of A , (w), that is, the
weighting filters, and summing the products. The advantage of using
the elemental radiator form is that no knowledge about the structural
modes is required. The disadvantage of this form is that a number of
discrete sensors are required, and the computation labor for the
vibroacoustic modal filters is unavoidable. In addition, the
vibroacoustic modal and weighting filters consist of digital filters,
rather than fixed gains, due to their frequency dependence. The
vibroacoustic modal filters consisting of higher order digital filters
are not very practical, whereas the weighting filters consisting of
lower order digital filters are practical. Therefore, the vibroacoustic
modal filters should consist of fixed gains, omitting the frequency
dependence. In Sec. IILA, frequency independent vibroacoustic
modal filters are formulated for baffled structures in free space.

Moreover, Eq. (7) indicates that the terms of «,(w)E, are the
contributions of the vibroacoustic modes to the structural kinetic
energy, and the terms of ,(w) are the contributions of the
vibroacoustic modes to the acoustic power (acoustic potential
energy). The contributions to the structural kinetic energy are
uniform in the vibroacoustic modes, whereas the contributions to the
acoustic power (acoustic potential energy) are varied in these modes.
The magnitude of the contributions to the structural kinetic energy
and that of the contributions to the acoustic power (acoustic potential
energy) may be of a different order, mainly because the magnitudes
of the structural kinetic energy and the acoustic power (acoustic
potential energy) are usually different. The terms of A ,(w), that is,
the weighting filters, have been defined as the sum of the
contributions to the structural kinetic energy and those to the acoustic
power (acoustic potential energy) for the purpose of controlling both
vibration and sound. Here, the different orders of magnitude of the
contributions pose a problem. For instance, if the magnitude of the
contributions to the structural kinetic energy is much larger than that
of the contributions to the acoustic power (acoustic potential energy),
the sum is nearly equal to the contributions to the structural kinetic
energy and neither makes sense nor provides the answers for the
intended purpose. The weighting factor plays a role in balancing the
different orders of magnitudes. A proper weighting factor is set as

trace{f2,(w)} trace{R, (w)}
L B L

o, (0) = 10)

The terms of R (w) are the dimensional quantities with units of kg/s
in free space (kg in an enclosed space), as is clear from Eq. (3), and
the terms of R, (w) are the dimensional quantities with units of 1 /s in
free space (nondimensional quantities in an enclosed space), as is
clear from Eq. (6). Hence, the weighting factor is a dimensional
quantity with the unit of 1/s in free space (nondimensional quantity
in an enclosed space). Equation (10) indicates that the magnitude of
the contributions to the structural kinetic energy is adjusted as the
basis for estimating the average of the contributions to the acoustic
power (acoustic potential energy). The weighting factor does not
change with the disturbance properties, thus this setting method is a
priori. The weighting factor does not affect the vibroacoustic modal
filters, but it affects the weighting filters, as is clear from Eq. (7).
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Gained Normal Velocities of the Elemental Radiators

Vibroacoustic Modes

ve(®) e

Structure

Vibroacoustic Modal Filters

~N we(®)

Weighting Filters Error Criterion

Qe(ﬁ)) A:((D) Jvibmacouslic((}))
Discrete Sensor \ /
a)
Normal Velocities of the Structural Modes Vibroacoustic Modes
vi(©) p N wi(©) —

Structure

Q(w)

Vibroacoustic Modal Filters

Distributed Sensor:
Smart Sensor as the Structural Modal Filter

b)

Weighting Filters Error Criterion
As((D) Jvibroacoustic((l))

Fig. 1 Measurement systems using the vibroacoustic modal filters and weighting filters: a) elemental radiator form, and b) structural mode form.

Equations (6-9) indicate that if the terms of M are uniform, which
means that the masses of the elemental radiators are uniform, the
terms of 2 ,(w) are proportional to the radiation efficiencies of the
radiation modes, the columns of Q, (w) are the shapes of the radiation
modes, and the terms of w,(w) are the amplitudes of the radiation
modes [29]. In this case, the contributions of the vibroacoustic modes
to the error criterion are the sum of the weighting factor and the
values proportional to the radiation efficiencies of the radiation
modes, and the shapes and amplitudes of the vibroacoustic modes are
the same as those of the radiation modes.

B. Structural Mode Form

It is assumed that the behavior of the vibrating structure is
described by M structural modes. The normal velocities of the
elemental radiators are then written as

V() = ¥'v(0) an

where W is the (M - L) real matrix, whose terms are dependent on the
shapes of the structural modes and the representative locations of the
elemental radiators; and v,(w) is the (M - 1) complex vector, whose
terms are the normal velocities of the structural modes. Furthermore,
it is assumed that the shapes of the structural modes are normalized
with respect to the halves of the modal masses. Substituting Eq. (11)
into Eq. (3) yields

Jvibroacoustic (a)) = VAI'J (a)) {as (CL)) Es + Rs (a)) }Vs (a)) ( 12)

where E; is the (M - M) unit matrix, R () is the (M - M), real,
symmetric, and positive definite matrix defined as

R ,(0) = YR (w)¥’ (13)

Here, o, () is a positive real weighting factor, and the orthogonality
of the structural modes is used for the derivation of Eq. (12). Because
{a,(w)E; + R (w)} in Eq. (12) is real, symmetric, and positive
definite, it can be diagonalized as

Qi () (WE, + R (0)}Q,(w) = o ()E,
+ Q ()R ()Q,(0) = o (W)E + () = A((w) (14)

where @ (w) is the (M - M), real, diagonal, and positive definite
matrix, whose terms are the eigenvalues of R (w); A (w) is the
(M - M), real, diagonal, and positive definite matrix, whose terms are
the eigenvalues of {o;(w)E; + R (w)}; and Q,(w) is the (M - M),
real, and orthogonal matrix, whose columns are the eigenvectors of
R, (w) as well as {a,(w)E; + R (w)}. Substituting Eq. (14) into
Eq. (12)

J, vibroacoustic (w) = WJH (w) A s (w) Wy (w) (15 )
where w,(w) is a (M - 1) complex vector defined as
W (@) = Q{ (®)V () (16)

Equations (14-16) are the similar forms to Egs. (7-9), and therefore
the discussion about the vibroacoustic modes in structural mode form
is analogous with that in elemental radiator form. The repetitive
description is avoided here. The measurement system using the
vibroacoustic modal filters and weighting filters is illustrated in
Fig. 1b. In this regard, however, the terms of v, (), that is, the normal
velocities of the structural modes, are measured by the structural
modal filters, which consist of a number of discrete sensors [39] or a
number of distributed sensors [40-42]. The advantage of the
structural mode form is that a number of discrete sensors can be
replaced by a number of distributed sensors, and the computation
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labor for the vibroacoustic modal filters, as well as the structural
modal filters, can be avoided by incorporating these filtering
functions into the distributed sensors, that is, the smart sensors [40—
43]. However, the smart sensors, which function as the vibroacoustic
modal filters, are available only for the case in which the frequency
dependence of the vibroacoustic modal filters is negligible. The
disadvantage of the structural mode form is that knowledge about the
structural modes, such as the natural frequencies and shapes, is
necessary. In Sec. IIL.B, the frequency independent vibroacoustic
modal filters are formulated for baffled structures in free space.
Moreover, the weighting factor plays a role in balancing the
different orders of the magnitude. A proper weighting factor is set as

trace{Q(w)} trace{R ()}
M B M

oy (w) = a7
The terms of R (w) are the dimensional quantities with units of kg/s
in free space (kg in an enclosed space), as is clear from Eq. (3), and
the terms of R () are the dimensional quantities with units of 1 /s in
free space (nondimensional quantities in an enclosed space), as is
clear from Eq. (13) and the assumption that the shapes of the
structural modes are normalized with respect to the halves of the
modal masses. Hence, the weighting factor is a dimensional quantity
with the unit of 1/s in free space (nondimensional quantity in an
enclosed space).

Equations (13-16) indicate that the terms of R (w) are
proportional to the radiation efficiencies of the radiation modes, the
columns of W' Q, (w) are the shapes of the radiation modes, and the
terms of w (w) are the amplitudes of the radiation modes [29].
Therefore, the contributions of the vibroacoustic modes to the error
criterion are the sum of the weighting factor and the values
proportional to the radiation efficiencies of the radiation modes, and
the shapes and amplitudes of the vibroacoustic modes are the same as
those of the radiation modes.

III. Frequency Independent Vibroacoustic Modal
Filters for Baffled Structures in Free Space

The vibroacoustic modal filters consist of higher order digital
filters due to their frequency dependence and, therefore, the
frequency dependence should be omitted in the implementation. The
omission of frequency dependence should be validated for the
respective acoustic fields, for example, baffled structures in free
space, three-dimensional structures in free space, and three-
dimensional structures in an enclosed space, because the frequency
dependence is related to the acoustic transfer functions as shown in
Egs. (7) and (14). Baffled structures in free space as illustrated in
Fig. 2 are addressed in this paper.

Frequency independent vibroacoustic modal filters are formulated
for baffled structures in free space as follows: Sec. IIL.A, elemental
radiator form; and Sec. IIL.B, structural mode form.

A. Elemental Radiator Form

Itis assumed that the vibrating structure is embedded in an infinite
baffle in free space, and the acoustic transfer functions are based on
the Rayleigh integral. R (w) is then written as [29]

Structure

Infinite Baffle

X

Fig. 2 Structure in an infinite baffle.

1 sinklr;—rp| ,  sinkr;—rg|
ink|r,—r| Hin el siﬁllf|]r7rLr‘ |
9 2 SInkjr,—r) 1 c.. S 27T
R () :wfoAS e el )
TTC
sinklrp—ry|  sinkjr,—rp| 1
Klrp—ry| klrp—r,|

where AS is the area of the elemental radiators, which is assumed to
be constant; p, is the density of air; ¢ is the speed of sound in the air;
k(=w/ c,) is the wave number; and r; is the representative location of
the /th elemental radiator. Elliott and Johnson [29] calculated the
eigenvectors of R (w), that is, the shapes of the radiation modes, for
the beam and rectangular plate, and the calculation results indicated
that if the nondimensional frequency is much smaller than unity, the
eigenvectors of R(w) are approximately frequency independent. In
this regard, however, the nondimensional frequency, that is, the
nondimensional wave number, is defined as the ratio of the acoustic
wave number to the structural wave number. In other words, the
nondimensional frequency that is smaller than unity, let us say, lower
nondimensional frequency, means that the size of the structure is
smaller than the acoustic wavelength. Frequency independence is
explained by the approximation of Eq. (18):

19)

and the assumption concerning the nondimensional frequency
klr; —r;| <1 (20)

where subscriptsiand jare 1,2, 3, ..., L,respectively. Equations (3)
and (19) indicate that the contributions of all elemental radiators, as
well as the couples to the acoustic power, are equal. Equation (19)
indicates that, at lower nondimensional frequencies, the eigenvectors
of R(w) are approximately frequency independent, whereas the
terms of R (w) are proportional to the squared angular frequency and
are still frequency dependent.

Furthermore, Egs. (6) and (19) indicate that at lower
nondimensional frequencies the eigenvectors of R,(w) are
approximately frequency independent, and thus, the amplitudes of
the vibroacoustic modes can be approximately estimated by
frequency independent vibroacoustic modal filters. Considering
Eqgs. (8), (9), and (19) together yields

Jvibroacouslic (CL)) ~ w/eH (w) A e (w) WQ, (w) (21 )
where W, () is the (L - 1) and complex vector defined as
W (@) = Qv (w) (22)

and Q, is Q,(w) fixed with a certain lower nondimensional
frequency at which Eq. (20) is satisfied. The columns of Q, are the
frequency independent vibroacoustic modal filters consisting of
fixed gains rather than higher order digital filters. Figure 3aillustrates
a measurement system using the frequency independent
vibroacoustic modal filters and weighting filters. In Sec. IV.A, as a
case study, the frequency independent vibroacoustic modal filters are
applied to a baffled rectangular plate in free space.

Equations (6) and (19) indicate that at lower nondimensional
frequencies, the rank of R, () is approximately one, and this means
that a single vibroacoustic mode contributes to the acoustic power.
Further, Eq. (7) indicates that the single vibroacoustic mode has, as
the contribution to the error criterion, the sum of «, (w) and the single
eigenvalue of R,(w), and the other modes have, as equal
contributions to the error criterion, «,(w). It is then clear from
Eq. (10) that the single vibroacoustic mode is much more
contributive than the other modes.
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Fig. 3 Measurement systems using the frequency independent vibroacoustic modal filters and weighting filters for baffled structures in free space:

a) elemental radiator form, and b) structural mode form.

B. Structural Mode Form

Equations (13) and (19) indicate that at lower nondimensional
frequencies, the eigenvectors of R (w) are approximately frequency
independent, and thus, the amplitudes of the vibroacoustic modes
can be approximately estimated by the frequency independent
vibroacoustic modal filters. Considering Eqgs. (15), (16), and (19)
together yields

Jvibroacoustic (a)) ~ w;H (a)) As (w)w/s (a)) (23)
where W, (w) is the (M - 1) and complex vector defined as
wi(0) = Qfv,(w) (24)

and Q, is Q,(w) fixed with a certain lower nondimensional
frequency at which Eq. (20) is satisfied. The columns of Q, are the
frequency independent vibroacoustic modal filters consisting of
fixed gains rather than higher order digital filters. The smart sensors,
which function as the frequency independent vibroacoustic modal
filters, are available. Figure 3b illustrates a measurement system
using the frequency independent vibroacoustic modal filters and
weighting filters. In Sec. IV.B, as a case study, the frequency
independent vibroacoustic modal filters are applied to a baffled
rectangular plate in free space.

Equations (13) and (19) indicate that, at lower nondimensional
frequencies, the rank of R (w) is approximately one, and this means
that a single vibroacoustic mode contributes to the acoustic power.
Further, Eq. (14) indicates that the single vibroacoustic mode has, as
the contribution to the error criterion, the sum of & (w) and the single
eigenvalue of R (w), and the other modes have, as equal
contributions to the error criterion, o, (w). It is then clear from
Eq. (17) that the single vibroacoustic mode is much more
contributive than the other modes.

IV. Case Study: Baffled Rectangular Plates
in Free Space

The theories mentioned in the previous sections are applied to
baffled rectangular plates in free space. In particular, the
contributions of the vibroacoustic modes to the error criterion; the
shapes of the vibroacoustic modes; the approximation error of the
frequency independent vibroacoustic modal filters; the approx-
imation error of the order reduction; and the structural kinetic energy
and acoustic power, before and after optimal feedforward control,
using the frequency independent vibroacoustic modal filters and
order reduction, are simulated. Feedforward control is applicable
only to the systems in which a coherent disturbance is available in
advance of the control strategy, for example, propeller aircraft and
helicopters; on the other hand, the feedback control is applicable to
the case in which a coherent disturbance is not available in advance of
the control strategy, for example, jet aircraft and rockets. The case
study presented here is one of the preliminary investigations
conducted to evaluate the validity and feasibility of the proposed
theories.

The simulation results are presented and discussed as follows:
Sec. IV.A, elemental radiator form; and Sec. IV.B, structural mode
form.

A. Elemental Radiator Form

Figure 4 illustrates the system of interest, that is, a baffled and
simply supported rectangular plate in free space. The x-directional
length of the plate is 0.38 m; the y-directional length is 0.30 m; the
thickness is 0.001 m; the Young’s modulus is 71 GPa; the Poisson
ratio is 0.33; the density of the half area, 0 < x < 0.19 m, is
2720 kg/m?; and the density of the other half area,
0.19 <x <0.38m, is 1.1-2720=2992 kg/m>. Because the
masses of the elemental radiators are not uniform, the shapes and
amplitudes of the vibroacoustic modes are different from those of the
radiation modes, as mentioned in Sec. II.A. The anisotropic plate is
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Fig. 4 Anisotropic rectangular plate with locations of discrete sensors,
disturbance force, and control force.

modeled using the finite element method package ANSYS. The plate
consists of 144 rectangular shell elements, and each elemental
radiator consists of four rectangular shell elements. Therefore, the
total number of elemental radiators is 36, and the center nodes of the
individual elemental radiators are regarded as the representative
locations. The total number of vibroacoustic modes is then 36, as is
clear from Eq. (9). Moreover, the nondimensional frequency is
defined as the wave number multiplied by the length of the plate [29],
which is &k - 0.38 in this case.

Figure 5 shows the contributions of the first four vibroacoustic
modes to the error criterion, that is, the largest four eigenvalues
derived from Eq. (7): thin solid line, the first mode; thick solid line,
the second mode; dashed line, the third mode; and dotted line, the
fourth mode. The weighting factor is set as Eq. (10). The results are as
follows: at lower nondimensional frequencies, 0 < k- 0.38 < 1.0,
the contribution of the first mode is significant and the contributions
of the other modes are almost equal, as expected in Egs. (6), (7), and
(19); at higher nondimensional frequencies, 1.0 < k-0.38 < 3.0,
the contribution of the first mode is still significant but the
contributions of the other modes, especially the second and third
modes, increase in relation to the nondimensional frequencies. It is
suggested that for the entire range of nondimensional frequencies
under consideration, 0 < k-0.38 < 3.0, the error criterion can be
approximated by the sum of the lower order vibroacoustic modes,
and the order reduction is achievable where the modes increase with
the nondimensional frequencies.

Figure 6 shows the shapes of the first vibroacoustic mode, that is,
the eigenvectors derived from Eq. (7), with various nondimensional
frequencies. The shapes are normalized with respect to the maximum
value of the amplitude of the shape at the nondimensional frequency
k- 0.38 = 0.25. The shapes are the same as the vibroacoustic modal

filters, as is clear from Eq. (9). In other words, Fig. 6 graphically
shows the vibroacoustic modal filters for the first mode with various
nondimensional frequencies. The results are as follows: at lower
nondimensional frequencies, 0 < k-0.38 < 1.0, the vibroacoustic
modal filter for the first mode is approximately frequency
independent, as expected from Eqs. (6) and (19); at higher
nondimensional frequencies, 1.0 < k- 0.38 < 3.0, the vibroacoustic
modal filter for the first mode is frequency dependent, as expected
from Eqs. (6) and (18). This trend stays true to the vibroacoustic
modal filters for higher modes, though the simulation results are not
presented here because of space limitations. It is suggested that at
lower nondimensional frequencies, 0 < k- 0.38 < 1.0, the ampli-
tudes of the vibroacoustic modes can be approximately estimated by
the frequency independent vibroacoustic modal filters.

Figure 7 shows the error criteria obtained in the following
manners: solid line, the sum of all 36 vibroacoustic modes derived
from Eq. (8), in which the emphasis is on using the (frequency
dependent) vibroacoustic modal filters and not applying the order
reduction; dashed line, the sum of all 36 vibroacoustic modes derived
from Eq. (21), in which the emphasis is on using the frequency
independent vibroacoustic modal filters with the fixed nondimen-
sional frequency being k-0.38 = 0.1 and not applying the order
reduction; and dotted line, the sum of the first nine vibroacoustic
modes derived from Eq. (21), in which the emphasis is on using the
frequency independent vibroacoustic modal filters with the fixed
nondimensional frequency being k-0.38 = 0.1 and applying the
order reduction. In all of the cases, the weighting factor is set as
Eq. (10), the normal velocities at the representative locations of all 36
elemental radiators are assumed to be ideally measured (the
dynamics of the discrete sensors are not modeled), and a disturbance
shear force 1is applied at an arbitrarily chosen location
(7/12-0.38 m, 7/12 - 0.30 m), as illustrated in Fig. 4. The results
from the comparison between the first two measurement systems are
as follows: at lower nondimensional frequencies, 0 < k- 0.38 < 1.0,
the approximation error of the frequency independent vibroacoustic
modal filters is insignificant, as expected from Fig. 6; at higher
nondimensional frequencies, 1.0 < k-0.38 < 3.0, the approxima-
tion error is still insignificant. It is suggested that for the entire range
of frequencies under consideration, 0 < k-0.38 < 3.0, the
amplitudes of the vibroacoustic modes can be approximately
estimated by the frequency independent vibroacoustic modal filters.
The results from the comparison between the last two measurement
systems are as follows: at lower nondimensional frequencies,
0 < k-0.38 < 1.0, the approximation error of the order reduction is
insignificant, as expected from Fig. 5; at higher nondimensional
frequencies, 1.0 < k-0.38 < 3.0, the approximation error is
significant, as was also expected from Fig. 5. In this regard,
however, within the range of the nondimensional frequency,

Contribution to the error criterion
(Eigenvalue)

10 1 1

0 05 1

15 2 25 3
Nondimensional frequency

Fig. 5 Contributions of the first four vibroacoustic modes to the error criterion (the largest four eigenvalues).
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Fig. 7 Error criteria.

1.0 < k- 0.38 < 2.0, the error criterion could still be approximated
by the sum of the first nine vibroacoustic modes. Hence, it is
suggested in this specific model that, within the range of the
nondimensional frequency, 0 < k-0.38 < 2.0, the error criterion
can be approximated by the sum of the first nine vibroacoustic
modes.

Figures 8 and 9 show the structural kinetic energy and acoustic
power, both before and after optimal feedforward control, using the
frequency independent vibroacoustic modal filters and weighting
filters for the first nine modes. For this part of the study, the fixed

nondimensional frequency was set to k-0.38 =0.1 and the
following weighting factors were used: thin solid line, without
control; thick solid line, the weighting factor in Eq. (10), in which the
emphasis is on controlling both vibration and sound; dashed line, at
100 times, in which the emphasis is on controlling vibrations; and
dotted line, at 0.01 times, in which the emphasis is on controlling
sound. The objective of this paper is to control both vibration and
sound and, therefore, the first weighting factor is the main issue,
whereas the others are just for comparison. The weighting factor does
not affect the vibroacoustic modal filters, but affects the weighting
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Fig. 9 Acoustic power before and after optimal feedforward control using frequency independent vibroacoustic modal filters and weighting filters with

the first nine modes.

filters, as is clear from Eq. (7). In all of the cases, the normal velocities
at the representative locations of all 36 elemental radiators are
assumed to be ideally measured (the dynamics of the discrete sensors
are not modeled), a disturbance shear force is applied at an arbitrarily
chosen location (7/12 - 0.38 m, 7/12 - 0.30 m), and a control shear
force is applied at an arbitrarily chosen location (1/12-0.38 m,
1/12-0.30 m), as illustrated in Fig. 4. The error criterion in Eq. (21)
is minimized by conventional feedforward quadratic optimization
[17] to derive the amplitude and phase of the control force.
Nondimensional frequencies under controlare 0 < k- 0.38 < 2.0,in
accordance with the suggestion from Fig. 7. The results are as
follows: in the dashed line, the weighting factor emphasizes
controlling vibration at the expense of sound reduction and,
therefore, this control strategy works best in Fig. 8; in the dotted line,
the weighting factor emphasizes controlling sound at the expense of
vibration reduction and, therefore, this control strategy works best in
Fig. 9; and in the thick solid line, the weighting factor, which is the
key objective of this paper, emphasizes controlling vibration and
sound and, therefore, this control strategy serves as the best
optimized choice for both Figs. 8 and 9. Thus, the thick solid line can
be seen to be bounded by the dashed and dotted curves and, most
importantly, shows a net reduction of both vibration and sound when
compared with the thin solid line, which depicts the state before
control. Furthermore, these simulation results imply the comparison

between the conventional structural kinetic energy minimization
corresponding to the dashed line, the conventional acoustic power
minimization corresponding to the dotted line, and the proposed
vibroacoustic control corresponding to the thick solid line.

B. Structural Mode Form

Figure 10 illustrates the system of interest, that is, a baffled and
simply supported rectangular plate in free space. The x-directional
length of the plate is 1.0 m, the y-directional length is 0.2 m, the
thickness is 0.001 m, the Young’s modulus is 71 GPa, the Poisson
ratio is 0.33, the density is 2720 kg/m?, the total of the x-directional
structural modes is 12, and the total of the y-directional structural
modes is 12. Therefore, the total number of structural modes is 144.
However, only the 12 x-directional structural modes, (1,1), (1,2),
(1,3), ..., and (1,12), are considered to simplify the design of the
vibroacoustic modal and weighting filters. The total number of
vibroacoustic modes is 12, as is clear from Eq. (16). The omission of
the y-directional structural modes may be valid at lower frequencies
due to the aspect ratio of the plate. In fact, it has been confirmed that
there are no natural frequencies present at the y-directional structural
modes for the entire range of nondimensional frequencies under
consideration, 0 < k- 1.0 < 3.0. Again, the shapes and amplitudes
of the vibroacoustic modes are the same as those of the radiation
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Fig. 11 Contributions of first four vibroacoustic modes to the error criterion (the largest four eigenvalues).

modes, as mentioned in Sec. IL.B. The isotropic plate is modeled
analytically [44]. There are a total of 196 elemental radiators, and the
centers of the individual elemental radiators are regarded as the
representative locations. In this regard, however, the elemental
radiators are considered not to derive the vibroacoustic modes but to
plot the shapes of the vibroacoustic modes, that is, the columns of
W'Q,(w), as presented later in Fig. 12. Moreover, the nondimen-
sional frequency is defined as the wave number multiplied by the
length of the plate [29], which is k - 1.0 in this case.

Figure 11 shows the contributions of the first four vibroacoustic
modes to the error criterion, that is, the largest four eigenvalues
derived from Eq. (14), in which only the 12 x-directional structural
modes are considered: thin solid line, the first mode; thick solid line,
the second mode; dashed line, the third mode; and dotted line, the
fourth mode. The weighting factor is set as in Eq. (17). The results are
as follows: at lower nondimensional frequencies, 0 < k- 1.0 < 1.0,
the contribution of the first mode is significant and the contributions
of the other modes are equal, as expected from Egs. (13), (14), and
(19); at higher nondimensional frequencies, 1.0 < k- 1.0 < 3.0, the
contribution of the first mode is still significant but the contributions
of the other modes, especially the second mode, increase in relation
to the nondimensional frequencies. It is suggested that for the entire
range of nondimensional frequencies under consideration,
0 < k-1.0 < 3.0, the error criterion can be approximated by the
sum of the lower order vibroacoustic modes, and the order reduction
is achievable where the modes increase with the nondimensional
frequencies.

Figure 12 shows the shapes of the first vibroacoustic mode, that is,
the eigenvectors derived from Eq. (14), with various nondimensional
frequencies, and in which only the 12 x-directional structural modes
are considered. The shapes are normalized with respect to the
maximum value of the amplitude of the shape at the nondimensional
frequency k - 1.0 = 0.25. The shapes of the vibroacoustic modes are
the same as the vibroacoustic modal filters conjugated with the
shapes of the structural modes, as is clear from Eq. (16). In other
words, Fig. 12 graphically shows the vibroacoustic modal filters for

the first mode with various nondimensional frequencies. The results
are as follows: at lower nondimensional frequencies,
0 < k-1.0 < 1.0, the vibroacoustic modal filter for the first mode
is approximately frequency independent, as expected from Egs. (13)
and (19); at higher nondimensional frequencies, 1.0 < k- 1.0 < 3.0,
the vibroacoustic modal filter for the first mode is frequency
dependent, as expected from Eqs. (13) and (18). This trend remains
true to the vibroacoustic modal filters for higher modes, though the
simulation results are not presented here because of space
limitations. It is suggested that at lower nondimensional frequencies,
0 < k- 1.0 < 1.0, the amplitudes of the vibroacoustic modes can be
approximately estimated by the frequency independent vibroacous-
tic modal filters. In addition, if more structural modes were
considered for the derivation of the vibroacoustic modes, smoother
shapes of the vibroacoustic modes could be obtained.

Figure 13 shows the error criteria obtained in the following
manners: solid line, the sum of all 12 vibroacoustic modes derived
from Eq. (15), in which the emphasis is on using the (frequency
dependent) vibroacoustic modal filters and not applying the order
reduction; dashed line, the sum of all 12 vibroacoustic modes derived
from Eq. (23), in which the emphasis is on using the frequency
independent vibroacoustic modal filters with the fixed nondimen-
sional frequency being k-0.38 = 0.1 and not applying the order
reduction; and dotted line, the sum of the first six vibroacoustic
modes derived from Eq. (23), in which the emphasis is on using the
frequency independent vibroacoustic modal filters with the fixed
nondimensional frequency being k-0.38 = 0.1 and applying the
order reduction. In all of the cases, only the 12 x-directional structural
modes are considered for the derivation of the vibroacoustic modal
filters and weighting filters. The weighting factor is set as Eq. (17);
the normal velocities at the representative locations of all 36
elemental radiators are assumed to be ideally measured (the
dynamics of the discrete sensors are not modeled); groups of 12 or 6
distributed sensors made of polyvinylidene fluoride (PVDF) are
used; and a disturbance shear force is applied at an arbitrarily chosen
location (17/28 - 1.0 m, 17/28 - 0.20 m), as illustrated in Fig. 10. In
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Fig. 13 Error criteria.

the following paragraphs, the configurations of the aforementioned
measurement systems are stated in more detail.

The error criterion, estimated by the (frequency dependent)
vibroacoustic modal filters, is derived from

]vibmacoustic (a)) ~ WZV/H (a)) A s (Q))W;/ ((,l)) (25)
where w; (w) is the (M - 1) and complex vector defined as
w{(0) = joQ{ (w)q(w) (26)

and joq(w) is the (M - 1) and complex vector, whose terms are the
time-differentiated output charges of the PVDF smart sensors, which

function as the structural modal filters. The 12 smart sensors are
mounted along the x-direction, at y=L,/2+0.01 m,
L,/2-0.01 m, L,/2+40.02m, L,/2~-0.02m, L,/2 +0.03 m,
L,/2-0.03m, L,/2+40.04 m, L,/2—0.04m, L,/2 + 0.05 m,
L,/2—-0.05m, L,/2+ 0.06 m, and L,/2 —0.06 m. The widths
are varied according to some shaping functions, as illustrated in
Fig. 10, to measure the normal velocities of all 12 x-directional
structural modes. The numbers of smart sensors in the figure denotes
the correspondence to the associated x-directional structural modes,
from (1,1) to (12,1). However, the shapes of the smart sensors in the
figure are not the actual ones, but their images. The shapes,
thicknesses, and material properties of the smart sensors are detailed
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in the Appendix, and the time-differentiated output charges are
formulated in Eq. (A7).

The error criterion estimated by the frequency independent
vibroacoustic modal filters is derived from

Jvibmacouslic ((l)) ~ w.,v”H ((1)) A K (Cl)) w./v” ((l)) (27)
where W)’ (w) is the (M - 1) and complex vector defined as
wi () = joq'(®) (28)

Here, joq'(w) is the (M - 1) and complex vector, whose terms are
the time-differentiated output charges of the PVDF smart sensors,
which function as the frequency independent vibroacoustic modal
filters. For the case without order reduction, 12 smart sensors are
mounted along the x direction, at y=1L, /24 0.01 m,
L,/2-0.01 m, L,/2+40.02m, L,/2—0.02m, L,/2+ 0.03 m,
L,/2-0.03m, L,/2+40.04 m, L,/2—-0.04 m, L,/2+ 0.05 m,
L,/2—-0.05m, L,/2+0.06 m, and L,/2 —0.06 m. As before,
the widths are varied according to some shaping functions, as
illustrated in Fig. 10, to measure the amplitudes of all 12
vibroacoustic modes. For the case with the order reduction, the six
smart sensors are mounted along the x direction, at
y=L,/240.01 m, L,/2—0.01 m, L,/2 4 0.02 m,
L,/2—-0.02m, L,/2+0.03m, and L,/2—0.03 m, with the
widths varied according to some shaping functions, as illustrated in
Fig. 10, to measure the amplitudes of the first six vibroacoustic
modes. The number of the smart sensors in the figure denotes the
correspondence to the associated vibroacoustic modes, from the
first to the sixth. Again, the shapes of the smart sensors in the figure
are not the actual ones, but their images. The shapes, thicknesses,
and material properties of the smart sensors are detailed in the
Appendix, and the time-differentiated output charges are
formulated in Eq. (A10).

The results from the comparison between the first two
measurement systems are as follows: at lower nondimensional
frequencies, 0 < k-1.0 < 1.0, the approximation error of the
frequency independent vibroacoustic modal filters is insignificant, as
expected from Fig. 12; at higher nondimensional frequencies,
1.0 < k- 1.0 < 3.0, the approximation error is still insignificant. It is
suggested that for the entire range of nondimensional frequencies
under consideration, 0 < k-1.0 < 3.0, the amplitudes of the
vibroacoustic modes can be approximately estimated by the
frequency independent vibroacoustic modal filters. The results from
the comparison between the last two measurement systems are as
follows: at lower nondimensional frequencies, 0 < k- 1.0 < 1.0, the
approximation error of the order reduction is insignificant, as
expected from Fig. 11; at higher nondimensional frequencies,

1.0 < k- 1.0 < 3.0, the approximation error is more significant, as
was also expected from Fig. 11. In this regard, however, within the
range of the nondimensional frequency, 1 < k- 1.0 < 1.5, the error
criterion could still be approximated by the sum of the first six
vibroacoustic modes. Hence, it is suggested in this specific model
that within the range of the nondimensional frequency,
0 <k-1.0<1.5, the error criterion can be approximated by the
sum of the first six vibroacoustic modes.

Figures 14 and 15 show the structural kinetic energy and acoustic
power, both before and after optimal feedforward control, using the
frequency independent vibroacoustic modal filters and weighting
filters for the first six modes. In this part of the study, the fixed
nondimensional frequency was setto k - 1.0 = 0.1 and the following
weighting factors were employed: thin solid line, without control;
thick solid line, the weighting factor in Eq. (17), in which the
emphasis is on controlling both vibration and sound; dashed line, at
100 times, in which the emphasis is on controlling vibrations; and
dotted line, at 0.01 times, in which the emphasis is on controlling
sound. The objective of this paper is to control both vibration and
sound, and therefore the first weighting factor is the main issue,
whereas the others are just for comparison. The weighting factor does
not affect the vibroacoustic modal filters but affects the weighting
filters, as is clear from Eq. (14). In all of the cases, a disturbance shear
force is applied at an arbitrarily chosen location (17/28-1.0 m,
17/28 -0.2 m), and a control shear force is also applied at an
arbitrarily chosen location (1/28 - 1.0 m, 1/2 - 0.2 m), as illustrated
in Fig. 10. The error criterion in Eq. (27) is minimized by
conventional feedforward quadratic optimization [17] to derive the
amplitude and phase of the control force. Nondimensional
frequencies under control are 0 < k- 1.0 < 1.5, in accordance with
Fig. 13. The results are as follows: in the dashed line, the weighting
factor emphasizes controlling vibration at the expense of sound
reduction and, therefore, this control strategy works best in Fig. 14;in
the dotted line, the weighting factor emphasizes controlling sound at
the expense of vibration reduction and, therefore, this control
strategy works best in Fig. 15; and in the thick solid line, the
weighting factor, which is the key objective of this paper, emphasizes
controlling vibration and sound and, therefore, this control strategy
serves as the best optimized choice for both Figs. 14 and 15. Thus, the
thick solid line can be seen to be bounded by the dashed and dotted
curves and, most importantly, shows a net reduction of both vibration
and sound when compared with the thin solid line, which depicts the
state before control. Furthermore, these simulation results imply the
comparison between the conventional structural kinetic energy
minimization corresponding to dashed line, the conventional
acoustic power minimization corresponding to dotted line, and the
proposed vibroacoustic control corresponding to thick solid line.
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Fig. 14 Structural kinetic energy before and after optimal feedforward control using the frequency independent vibroacoustic modal filters and

weighting filters with the first six modes.
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Fig. 15 Acoustic power before and after optimal feedforward control using the frequency independent vibroacoustic modal filters and weighting filters

with the first six modes.

V. Conclusions

For the purpose of controlling both vibration and sound, the
orthogonal contributors with respect to the sum of the structural
kinetic energy and acoustic power in free space (acoustic potential
energy in enclosed space), termed vibroacoustic modes, have been
formulated in two ways: an elemental radiator form and a structural
mode form. Like the structural and radiation modes, the
vibroacoustic modes have both eigenvalues and eigenvectors. The
eigenvalues imply the contributions of the vibroacoustic modes to
the sum of the structural kinetic energy and acoustic power (acoustic
potential energy), and the eigenvectors imply the shapes of the
vibroacoustic modes.

Frequency dependent spatial filters, which can estimate the
amplitudes of the vibroacoustic modes, termed vibroacoustic modal
filters, have been formulated in both elemental radiator and structural
mode forms. In the elemental radiator form, the vibroacoustic modal
filters are derived from the masses of the elemental radiators and the
acoustic transfer functions between the elemental radiators. In
addition, the amplitudes of the vibroacoustic modes are estimated by
passing the measured normal velocities of the elemental radiators to
the vibroacoustic modal filters. The advantage of this form is that no
prior knowledge about the structural modes is necessary. The
disadvantage is that a number of discrete sensors are required and,
therefore, an increase in computation labor for the vibroacoustic
modal filters is inevitable. In the structural mode form, the
vibroacoustic modal filters are derived from the shapes of the
structural modes and the acoustic transfer functions between the
structural modes. Then, the amplitudes of the vibroacoustic modes
are estimated by passing the measured normal velocities of the
structural modes to the vibroacoustic modal filters. The advantage of
this form is that a number of discrete sensors can be replaced with
distributed sensors. Thus, the computation labor for the
vibroacoustic modal filters, as well as for the structural modal
filters, can be avoided by incorporating these filtering functions into
the distributed sensors, that is, the smart sensors. However, the smart
sensors, which function as the vibroacoustic modal filters, are
available only in the cases in which the frequency dependence is
negligible. The disadvantage is that knowledge about the structural
modes, such as the natural frequencies and shapes, is necessary. One
of the two forms should be used selectively according to the
situation; in both forms, the frequency dependence of the
vibroacoustic modal filters is a common difficulty faced during
implementation.

Frequency independent vibroacoustic modal filters have been
formulated for baffled structures in free space, in both elemental
radiator and structural mode forms. This approach is based on
specific characteristics, whereby for baffled structures in free space,

the frequency dependence of vibroacoustic modal filters is negligible
at lower nondimensional frequencies.

The developed theories have been applied to an optimal
feedforward control system for baffled rectangular plates in free
space, which is excited by a disturbance shear force, and the
performance has been demonstrated through numerical simulations
in both forms. In the elemental radiator form, 36 ideal discrete
sensors (the dynamics of these sensors are not considered in the
simulation) have been used to measure the normal velocities of the
elemental radiators, and these measured velocities have been passed
into the frequency independent vibroacoustic modal filters
consisting of 36 input and 9 output fixed gains to estimate the
amplitudes of the most contributive nine modes. Following the order
reduction, the sum of the structural kinetic energy and acoustic power
has been successfully regulated by a control shear force at lower
nondimensional frequencies. In the structural mode form, six smart
sensors made of PVDF have been used to directly estimate the
amplitudes of the most contributive six modes and, subsequently, the
computation labor for the vibroacoustic modal filters, as well as for
the structural modal filters, has been completely avoided. Following
the order reduction, the sum of the structural kinetic energy and
acoustic power has been successfully regulated by a control shear
force at lower nondimensional frequencies.

Some future tasks are mentioned hereinafter. First, the frequency
dependence of the vibroacoustic modal filters for three-dimensional
structures in free space and enclosed space must be investigated to
explore the applicability of the frequency independent vibroacoustic
modal filters to real aerospace vehicles. Although the disturbance
input for the simulation model in this paper is a shear force for
simplicity, reality in the aerospace vehicles is different. For example,
the aircraft fuselage is excited by a turbulent boundary layer (TBL)
[2,7,9] and the acoustic pressure generated from the propeller and jet
engines, and the space rocket is excited by the TBL and the acoustic
pressure originally generated from the jet engine and then reflected
by the ground during launch. The simulation including the physics of
the TBL and the acoustic pressure around the aircraft vehicles must
be conducted to predict more realistic control performance and,
furthermore, the experimental verification must be carried out by
wind tunnel, measured data of the acoustic pressure, and flight test.
Second, though the control input for the simulation in this paper is a
shear force, reality is different. For instance, lead, zirconate, and
titanate (PZT) patches could be employed as the control actuators in
practice because of their low profile and lightweight property.
However, because PZT actuators have a number of drawbacks, for
example, the requirement of high-voltage amplifiers, harmonic
distortion, limited actuation strength at low frequencies, and
brittleness, electric actuators such as a proof-mass actuator [34] and
distributed active vibration absorber [11] could be an alternative in
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spite of their relatively larger weights. All of these actuators do not
generate a pure shear force and do couple with the structure and,
therefore, the simulation including the physics of the actuators and
the experimental verification must be performed.

Appendix

Smart sensors made of distributed piezoelectric materials are
designed in either one-dimensional [40,41,43] or two-dimensional
forms [42]. In the one-dimensional design, the widths of the
piezoelectric materials are shaped. In the two-dimensional design, it
is the thickness of the material that is shaped. Although two-
dimensional smart sensors are ideal for structures, such as the
rectangular plate used in Sec. IV.B, shaping the thickness is not easy
in practice. Consequently, one-dimensional smart sensors were
employed in this paper.

Normal velocity of a plate v(x, y, ®) is written as

M, M,
S Vi, (5.3, (@) (A1)

my=1m,=1

v(x,y, ) =

where m, is the index of the x-directional structural mode, m, is the
index of the y-directional structural mode, ¥,,,,,(x, y) is the shape,
and v,,,,,(w) is the normal velocity. If the plate is isotropic,
rectangular, and simply supported, the shape of the structural mode is
written as [44]

8 . omr . myT
Vi, (X, ¥) = msm L XSlnTyyY (A2)

where L, is the x-directional length of the plate, L, is the y-
directional length, & is the thickness, p; is the density, and the shape
of the structural mode is normalized with respect to half of the modal
mass. Moreover, the normal velocity of the structural mode is written
as [44]

Umxmy (a))
Jjo . T
= i
w%nlm‘, - w2 + j']mxm, wm,rm‘,w pvh L L L L
(A3)
where @,,,,,, is the natural frequency of the structural mode, 1,,,,,5, i

the damping ratio, f is the complex amplitude of the external force,
and x; and y  are the locations of the force in the x and y directions.

With the aim of developing a smart sensor, which functions as the
structural modal filter for the x-directional mode, a distributed sensor
made of PVDF is mounted on the plate along the x direction, at
y = yo, with the width varied according to the shaping function I"(x),
as shown in Fig. Al. The time-differentiated output charge of the
distributed sensor jwg(w) is then written as [40]

. + hy [Yo+T() 32v(x y o)
Jjogq(w) =
?v(x,y, w
+es #} dxdy (A4)
dy
where h, is the thickness of the PVDF, e3 is the x-directional

piezoelectric field intensity constant, and ej, is the y-directional

Shaping Function I'(x)

x
Fig. A1 The smart sensors made of PVDF on the plate.

piezoelectric field intensity constant. In accordance with the work by
Tanaka et al. [41], the shaping function for the m th structural mode
is designed as

A
X sin ™" ¢ (A5)

F(x)=T,, (x) = FRVIREINE:
’ {es1 (75 + en(F)?} sing7yo Ly

where A,,, is the real factor that satisfies

T m, )2 2
A, < smL yo{e31(—Lx) +€32(L_y) } (A6)

Substituting Eq. (A5) into Eq. (A4) yields

Jjog(w) ~ /2 L, (hy, + ho)A,, Z Uinym,
my=1

e 1(m‘ )2 + 932(—)2 si

X
e (77 )2 +e32(L Z)? sinZ )’0

(A7)

Equation (A7) indicates that the time-differentiated output charge
includes only the normal velocities of the m th structural modes. The
y-directional structural modes may be negligible at lower frequencies
due to the aspect ratio of the plate. Equation (A7) is then
approximated as

L,
2p,h,Ly

Equation (A8) indicates that the time-differentiated output charge is
proportional to the normal velocity of the (m,, 1) structural mode.

Next, with the aim of developing a smart sensor, which functions
as the vibroacoustic modal filter, the shaping function for the nth
vibroacoustic mode is designed as

M,
F@) =T, =Y Qu, T, (%)

my=1

1 o Qi Am m,
=— S sin——x (A9)
SINZ Yo = €31 (D +en@®? L,

where Q,,,, is the m,th term of the nth column of Q,. Substituting
Eq. (A9) into Eq. (A4) yields

qu(w)“w/z VWAL +h>Z ZQ,% U,
my=1my,=1

ey (5% ) +€32(mL”)231 2

x
931(”22 )’ + esz(L),)z smL—yyO

(A10)

The y-directional structural modes may be negligible at lower
frequencies due to the aspect ratio of the plate. Equation (A10) is then
approximated as

L,
J0q(@) % (y + hy)\[52 ZQMK i (AL
7Y me=1

Equation (A11) indicates that the time-differentiated output charge is
proportional to the amplitude of the nth vibroacoustic mode.

In the simulations described in Sec. IV.B, the thickness of the
PVDF is 0.0001 m, the x-directional piezoelectric field intensity
constant is 0.0105 C/m?, the y-directional piezoelectric field
intensity constant is 0.00035 C/m?, and A,,, is 0.001. In Fig. 13, the
time-differentiated ~ output  charges are  divided by
(Lx/2/px/hS/Ly)1/2(hp + hy)A,,, to tune the magnitudes to the
normal velocities of the structural modes.
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